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ABSTRACT

INTRODUCTION

In the modelling of the leakage rate, friction force or
contact pressure distribution of hydraulic seals is quite common
to assume the mating surfaces to be characterized by a random
isotropic roughness. However, due to different surface finishing
methods, such as coating, grinding or polishing, roughness with
anisotropic characteristics is often generated.
In this paper a first experimental investigation of the
influence of such anisotropic surfaces on the sliding friction is
provided. For this purpose, a test rig has been designed and set
up to investigate a soft, lubricated line contact representative of
a generic reciprocating hydraulic seal. In particular, an O-ring
cord is squeezed into contact with a steady rotating rigid
cylinder. In order to adopt a cylinder-on-flat configuration, the
diameter of the rigid cylinder is chosen to be significantly
larger than the O-ring (cross-section) diameter. Furthermore,
three cylinders with different surfaces are used: One
(sandblasted) isotropic surface and two anisotropic surfaces
roughness, scratched perpendicularly or along the azimuthal
direction. Therefore, under temperature control, Stribeck curves
have been measured at different squeezing loads and surface
roughness, showing a neat influence of the surface roughness
characteristics on the friction force. Finally, the experimental
results are compared with the predictions provided by a recent
mean field theory of soft contact (e.g. rubber) lubrication.

Seals are crucial machine elements in hydraulic devices. A
seal failure can result in expensive production downtimes or
even environmentally hazardous leakage. However, especially
in regard to dynamic seals - for example in cylinder
applications - the physical understanding of the sealing
mechanism is still insufficient.
Besides the fluid and the seal material properties, the
surface topography of the mating surfaces has a significant
influence on the tribological system. When modelling leakage
rate, friction force or contact pressure distribution of hydraulic
seals, in general, a perfectly smooth or randomly rough
isotropic surface is typically assumed. For example when
calculating the deformation of hydraulic seals in Finite Element
simulations, or in fundamental calculation of the lubricated seal
gap, e.g. when applying Blok’s inverse theory [1], a perfectly
smooth surface is assumed. Nevertheless, due to different
surface finishing methods, rough and anisotropic surface
topographies exist on machine elements.
When using the inverse Reynolds equation only the fluid
friction can be calculated. In order to model the components of
the solid-contact friction in the mixed friction regime the theory
of Greenwood and Williamson is often applied [2]. This model
approach uses spherical asperities with equal radii and a
Gaussian distribution of heights to describe a rough surface.
Even though this model is not physically accurate [3], it
provides results which are in a fair agreement with
measurements, at least for isotropic surfaces. However, the
influence of anisotropic surfaces, created for example due to
different manufacturing methods, can not be reproduced.
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Effects of the surface roughness, roughness profiles and
roughness orientations on hydrodynamic lubrication were
analysed by Patir and Cheng (1978) [4]. They discovered a
distinct influence and developed the concept of flow factors.
This concept is frequently used when modelling lubricated
contacts. For example Harp and Salant (2001) used and
extended the flow factor concept for hydraulic seals in order to
model inter-asperity and macroscopic cavitation [5].
The effect of surface roughness on the friction behaviour of
step seals was investigated by Wohlers, Heipl and Murrenhoff
(2010) in a computational study [6]. They do not consider the
influence on the hydrodynamic but on the contact mechanics
and show a distinct influence of the surface roughness.
The influence of anisotropic surfaces at dry conditions was
investigated experimentally by Carbone et al. (2009) for very
low velocities between 10-6 m/s and 10-3 m/s [7]. In this case
the coefficient of friction was found to be significantly higher
when the surface is grooved with main direction perpendicular
to the direction of motion. Furthermore Carbone et al. extended
the existing theory of contact mechanics and friction developed
by B. Persson [8] in order to simulate dry friction on
anisotropic surfaces.
Stoll, Hörl and Haas are studying the effect of the piston
rod’s surface on leakage and friction of hydraulic seals
experimentally in an ongoing research project [9]. They
determine higher friction, leakage and wear the more
orthogonal the structures are, relative to the moving direction.
In order to design a physically based model for the
simulation of friction of hydraulic seals a profound
understanding of the physical processes is necessary. For this
purpose a test rig for tribological model experiments was
designed and set up. A soft, lubricated line contact, as it exists
in translational hydraulic seals, is investigated in detail.

Figure 1. Dynamic seal tribometer.

Drive unit
The test rig is driven by an electric gear motor with an
attached frequency converter. A secondary cycloidal gearbox
with a transmission ratio of 43 can be included additionally.
Thus, a wide range of rotational speeds is possible:
0.2 - 2.4 rpm (rotation per minute) with or 8.5 – 105 rpm
without the additional gearbox.
The revolution speed of the drive shaft is measured using
an incremental angle encoder (90000 increments/revolution,
accuracy ± 5 seconds of degree).
Test chamber
The rotating cylinder and the seal specimen are located in
the test chamber. A detailed view of the test chamber and the
force measurement arm is shown in Figure 2.

Structure of this paper
In the following sections the developed test rig is described
in detail. The investigated surfaces, the test conditions and the
test procedure are the subject of the third section. Section four
presents the experimental results, which are discussed in
section five and compared with theoretical predictions in
section six. Finally, a conclusion and an outlook are provided in
section seven.

TEST RIG
In order to investigate the lubricated line contact of a
hydraulic seal in detail, a new test rig was designed and set up
at the Institute for Fluid Power Drives and Controls (IFAS).
The main elements of the test rig are shown in Figure 1.

Figure 2. CAD picture of the test chamber.

The lateral surface of the rotating steel cylinder is brought
into contact with the seal specimen. The cylinders diameter D
of 200 mm leads to a relative velocity v at the linear contact of
2 - 25 mm/s or 0.09 – 1 m/s, respectively with or without the
cycloidal gearbox.
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The test chamber can be entirely flooded with a lubricant,
at environment pressure. All elements in contact with the fluid
are made from stainless steel. Thus, different lubricants
including water or glycerol can be used as well.
Force measurement arm
A force measurement arm is used for applying the normal
load and measuring the resulting friction force.
The force sensor position is adjustable. Therefore, by
changing the effective lever arm, the sensor can measure a wide
range of friction forces. An adjustable counterweight is used to
guarantee a normal force of 0 N when no test weight is applied.
Hence the load does not depend on the sensor position.
Temperature control
The whole test chamber is double-walled. A heat transfer
fluid, provided by an external temperature control unit, flows
through a temperature chamber (Figure 2). Thus the tribometer
is temperature-controllable between 10°C and 100°C.
A temperature sensor is located near to the tribological
contact in order to verify a constant temperature during the
measurements.

Figure 4. Photograph of the three test cylinders.

Surface measurements were carried out in order to describe
the surface topography at eight positions evenly spread along
the disc’s diameters. The topography was measured axially and
circumferentially at every position. The length of the line-scan
measurement was 20 mm.
The roughness average parameter Ra is at about 0.6 µm for
the ground discs and 1 µm for the sandblasted surface,
respectively. Thus the roughness is higher then recommended
for a standard hydraulic cylinder rod, but is well suited for
physically based investigations.
When using standard roughness statistical parameters, a
number of relevant information about the surface topography is
lost. A much more detailed surface description can be granted
when using the surface roughness power spectrum (or power
spectral density, PSD):

EXPERIMENTAL SETUP
Description of the investigated surfaces
Three cylinders with different surfaces were used during
the experiments. All three specimens lateral surfaces were
sandblasted after the last manufacturing process. Thus an
ideally-uniform initial condition was produced prior to the
following anisotropic surface roughness production process.
Afterwards anisotropic surfaces were generated on two
cylinders. For that purpose the lateral surfaces were grinded
orthogonally (α = 0°) or longitudinally (α = 90°) to the
direction of motion. A sketch of the surfaces is shown in Figure
3. The three test cylinders are shown in Figure 4.

C q =(2π)-2

d2 x 〈h x h(0)〉e-iq·x

(1)

Here the surface topography is transformed into a
wavevector space q = (qx, qy), where h x is the surface’s
height at the point x = (x, y). A detailed description of the
surface roughness power spectrum can be found in [10].
The resulting one dimensional (1D) surface roughness
power spectra C1D of cylinder surfaces 1, 2 and 3 as a function
of the wavenumber on log-log scale as obtained from line-scan
topography measurements along the cylinder axial direction are
shown in Figure 5. The results are the average of all eight
measurement positions. On the log-log scale the roughness
power spectra are approximately linear for q > 105 m-1. Thus
the surfaces appear to be self affine fractal with the fractal
dimension D = 3 - H ≈ 2.2, where H denotes the Hurst
exponent.
A fractal surface is a surface where a magnified part of the
surface “looks the same” as the original surface. For a selfaffine fractal surface the magnification has to be different in the
vertical direction compared to the horizontal direction. If the

Figure 3. Surface topography and definition of the angle α.
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scale for x is a · x (and y → a · y, respectively) then the scale z
has to be aH · z in order for the surface to look the same, where
H denotes the Hurst exponent (between 0 and 1).

shows the equivalent plot of cylinder surface 2. In Figure 9 the
one dimensional (1D) and two dimensional (2D) surface
roughness power spectra C1D and C2D of cylinder surfaces 3 are
shown. The 2D power spectrum is calculated from the 1D
power spectrum, which is possible for surfaces with isotropic
roughness [7].

Figure 5. 1D surface roughness power spectra C1D of cylinder
surfaces 1, 2 and 3 as a function of the wavenumber q; linescan topography measurements along the axial direction.
Figure 7. 1D surface roughness power spectra C1D of cylinder
surface 1 as a function of the wavenumber q; axial direction
(dashed line) and the tangential direction (solid line).

Figure 6 shows the height probability distribution for all
surfaces in the axial direction. The height probability
distribution for surface 3 is nearly a perfect Gaussian
distribution, as expected from sandblasting – for a perfect
randomly rough surface the skewness is 0 and the kurtosis is 3.
For surface 1 and 2 the height probability distribution becomes
asymmetric. The grinding removed roughness from the upper
side of the original profile.

Figure 8. 1D surface roughness power spectra C1D of cylinder
surface 2 as a function of the wavenumber q; axial direction
(dashed line) and the tangential direction (solid line).

Figure 6. Height probability distribution in axial direction for
all surfaces.

Figure 7 shows the one dimensional (1D) surface
roughness power spectra C1D of cylinder surfaces 1 as a
function of the wavenumber on log-log scale, as obtained from
line-scan topography measurements along the axial direction
(dashed line) and the tangential direction (solid line). Figure 8
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Velocity v [mm/s]

Friction Force F

R

[N]

The velocity is kept constant for three revolutions before
accelerating to the next velocity, leading to a total measurement
time of about 30 minutes. Velocity and the resulting friction
force are exemplified in Figure 10.

Figure 9. 1D and 2D surface roughness power spectra of
cylinder surface 3 as a function of the wavenumber q; axial
direction (dashed line) and the tangential direction (solid line).
The solid blue lines indicate the slope of the corresponding
self-affine region of the PSDs; they have been drawn displaced
from experimental curves only for the sake of readability.
Figure 10. Friction Force and velocity as a function of time
during an exemplary measurement.
Seal specimen and contact zone characteristics
A Nitrile Butadiene Rubber (NBR) O-ring cord is used in
the experiments. The diameter of the O-ring is 5 mm, the length
of each rubber specimen is L=40 mm.
The normal load is applied using the force measurement
arm. The used normal loads and the resulting normal forces
(due to the effective lever arm) are listed in Table 1:

This procedure is repeated three times using the same
specimen in order to detect possible running-in or wear effects
of the seal. Afterwards, measurements with new seal specimens
are carried out, followed by experiments with the remaining
normal loads.
The described measurement procedure is subsequently
performed for all three test cylinders. Both new and already
used seal specimens are used. Thus a possible influence of the
specimen could be recognised.
The same lubricant is used during all experiments.
Additional experiments with the first cylinder were carried out
after the whole test procedure. The results of these tests were
conform with the first experiments, thus any effects of the
lubricant, like aging or contamination with rubber particles, can
be ruled out.

Normal force [N]

Maximum contact
pressure [N/mm²]
31.1
2.9
93.3
2.1
155.5
1.2
Table 1. Normal load and Maximum contact pressure during
experiments

Test conditions and procedure
The experiments described in the following section were
performed at a constant temperature of 20 °C with a maximum
deviation of 2 °C. As lubricant a standard HLP 46 hydraulic oil
is used. At ambient temperature its kinematic viscosity is
137 mm²/s. In this paper the friction behaviour at very low
relative velocities between 2.5 mm/s and 25 mm/s is
investigated. The experiments are performed continuously at 5
different velocities:

EXPERIMENTAL RESULTS
In this section the experimental results are reported. First
of all some general observations are described. Afterwards the
influence of the anisotropic surface is investigated in detail.
General observations
In Figure 11 the friction coefficient µ as a function of the
velocity v is shown for three different loads. These results were
carried out with cylinder 2. The plotted friction coefficient is
the arithmetic mean of all corresponding measurements.

2.5 mm/s (0.24 rpm)
4.5 mm/ s (0.43 rpm)
8 mm/ s (0.76 rpm)
14 mm/ s (1.34 rpm)
25 mm/s (2.39 rpm)

5

Copyright © 2016 by ASME

Friction Force F

R

[N]

Friction Coefficient µ [-]

Cylinder 1
Cylinder 2
Cylinder 3

80
70
60
50
40
30
20
-2.75

Figure 11. Friction coefficient µ as a function of the velocity v
for all three normal loads, measured with test cylinder 2.

-2.5

-2.25

-2
-1.75
-1.5
log (Velocity v) [m/s]

Figure 13. Friction forces FR of all three test cylinders as a
function of the velocity v, normal load: 93.3 N.

Friction Force F

R

[N]

Two aspects can be observed: Firstly, the friction
coefficient µ decreases as the velocity increases. This behaviour
is characteristic of the mixed friction regime in a lubricated
contact. Secondly, the friction coefficient decreases as the
normal load increases. In the theory part the physical origin of
both the velocity and load dependence of the friction will be
explained.

[N]

Influence of the surface topography
In the following graphs the measured friction forces are
plotted as a function of the relative velocity for all three
cylinders at a normal load of 31.1 N (Figure 12), 93.3 N (Figure
13) and 155.5 N (Figure 14).

Friction Force F

R

Figure 14. Friction forces FR of all three test cylinders as a
function of the velocity v, normal load: 155.5 N.

The friction forces of cylinder 3 are significantly higher,
compared to the forces of cylinder 1 and 2. This could be
caused by the different topography, but also by the rougher
surface. Also the wear experienced by the seal is significantly
higher for cylinder 3. Here, in contrast to cylinders 1 and 2,
wear is visible to the naked eye after three measurements at the
latest.
When comparing the results of cylinders 1 and 2 a distinct
difference of the measured friction force is visible. The friction
force of cylinder 1 is consistently higher compared to the
friction force of cylinder 2. This applies to all investigated
velocities and to all tested normal loads as well. Especially for
the normal loads 93.3 N and 155.5 N the difference is
significant.
As the grinding direction is the only difference, the
measured effect has to be caused by the anisotropic surfaces. In

Figure 12. Friction forces FR of all three test cylinders as a
function of the velocity v, normal load: 31.1 N.
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In a first conclusion, based on the periodic pattern and its
reproducibility, it can be stated, that the friction fluctuations are
not induced by the seal specimen, the lubricant or measurement
system, but are caused by an inhomogeneous surface roughness
along the cylinder circumferential direction (a roundness
measurement of the test cylinders excluded a significant
geometric error of the sample).
Figure 17 shows two details of surface 1. The pictures were
taken using an optical 3D microscope with a magnification of
five. On the left side the desired anisotropy can be identified.
However the detail on the right side shows a deviation in regard
to the angle α for several grooves.

particular, the friction curves of cylinder 3, in the log-linear
representation, show a negative curvature with respect to the
(positive) curvature shown by the other surfaces. This outcome
is related to the anisotropy of the adopted surface roughness.
Indeed, surface 3 has a main scratch direction which is aligned
with the sliding speed. This configuration has been shown in
the literature to provide the smallest fluid-asperity interaction
contribution ([12], [13], [15] and [16]): roughly speaking, the
fluid is allowed to escape along the roughness channels
(through the scratch valleys) without generate a strong fluid
overpressure. Thus, the total fluid pressure is almost negligible,
resulting in a larger amount of asperity-asperity interactions.
This finally results in a Stribeck curve which occurs closer to
the boundary-mixed regime, the latter typically characterized
by a negative curvature. The opposite holds for the surfaces 1
and 2 where, instead, the fluid-asperity interaction is higher,
allowing to displace the Stribeck curve toward the mixedhydrodynamic regime, where the curvature is typically positive.
This is in perfect agreement with the results also shown in
Figure 19.
Detailed examination
In order to analyse the deviations during the
measurements, a more detailed examination of the results is
necessary. The friction force as a function of time at a constant
velocity is plotted in Figure 16. Three normal loads were
investigated and three measurements were carried out for every
normal load. The results are shifted in regard to the time.
Two effects can be detected: On the one side the friction
force fluctuates significantly. On the other side these
fluctuations are periodic and reproducible, not only during one
measurement but also for different seal specimens.
See for example the friction force for a normal load of
155 N in the measurement shown Figure 16. The peculiar
pattern between t = 250 s and t = 275 s does occur again
between t = 500 s and t = 525 s, after exactly one revolution.
The same effect can be detected in Figure 10.

Figure 17. Details of surface 1:
left: desired surface topography (α = 90°),
right: deviations from desired angle α (e.g. α ≈ 74°).

Friction Force F

R

[N]

These little deviations from the desired surface topography
seem to be causal to the friction force fluctuations. Still the
deviations and their suspected effect on the friction force are
not crucial in regard to the former shown influence of the
anisotropy. On the contrary the effect on the friction force
supports the assumption of a grinding direction dependent
friction force.

DISCUSSION
The experiments show a distinct influence of the surface
topography, especially when comparing the two anisotropic
surfaces 1 and 2. Two effects do contribute to the friction
process:
i) The fluid-asperity interaction occurring when the sliding
direction is perpendicular to the grooves main direction (so
called transverse roughness) is typically stronger than for the
aligned grooves (longitudinal roughness), when the groove
representative size is smaller than the smallest nominal contact
length. This is well known in the literature of mixed lubrication

Figure 16. Friction force as function of time; three
measurements for each normal load, the time axes were shifted
to compare the results.

7

Copyright © 2016 by ASME

about the surface roughness anisotropy, and the absence of
information about the frictional properties of the dry rubbercountersurface contacts, in particular how the frictional shear
stress in the area of real contact depend on the sliding speed,
the present study is only of semi-quantitative nature.
Nevertheless, the origin of the dependency of the friction
coefficient on the load and the influence of the surface
roughness anisotropy on the friction will be explained.
The anisotropy of surface roughness can be characterized
by the Peklenik and Tripp numbers. Roughly speaking, the
Peklenik and Tripp numbers are the ratio γ = ξx/ ξy between the
axis of the elliptic cross-section (in the xy-plane) of an
(average) asperity in real (x, y) space and in wavevector (qx, qy)
space, respectively. In fluid dynamics, the Tripp number is the
quantity which naturally appears in the fluid flow equations.
The Tripp number can be easily obtained from the 2D surface
roughness power spectrum C(qx, qy), see Ref. [17, 11]. Thus, to
determine the Tripp number accurately topography
measurements over surface areas rather than 1D line-scans are
necessary. It is clear, however, that in the present case, because
of the preparation method, surface 3 has the Tripp number
γ = 1, while surface 2 has γ < 1. Since surface 1 is ground
orthogonal to the cylinder axis, i.e., along the sliding direction,
it must have γ > 1 but Fig. 8 shows it must be very close to one
as nearly no difference occurs in the 1D power spectra along
the two directions.
For a complete and accurate analysis one need in general
the surface roughness power spectra for all wavenumbers, i.e.,
down to atomic distances corresponding to wavenumbers
q ≈ 1010 m−1, or wavelength of order nm, which require
studying the surface roughness with (near) atomic resolution,
using, e.g., Atomic Force Microscopy (AFM). However, it will
be shown below that the velocity and load dependency of the
friction force in the present case is due mainly to the influence
of the longest wavelength roughness components on the fluid
dynamics. The large wavenumber cut-off q1 is chosen so that
the surface rms slope equal 1.3, when including all the
roughness with wavenumber q < q1. The results presented
below are not sensitive to this assumption.
For the mixed-elastohydrodynamic calculations presented
below the elastic properties of the solids are needed. The steel
cylinders will be treated as rigid. Rubber is a viscoelastic
material which can be characterized by a viscoelastic Young’s
modulus E(ω) which depends on the frequency ω (unit s-1) with
which it is deformed. Note that E(ω) is a complex quantity,
where the imaginary part is associated with energy dissipation,
resulting from the friction force which acts between the rubber
chain molecules when they slip relative to each other. For
lubricated sliding friction the viscoelasticity of the rubber will
also contribute to the friction in the area of contact. However, in
the present study this will not be considered in detail but it will
just be assumed that a constant frictional shear stress τ acts in
the area of real contact (see also discussion below).
Now, when the rubber cylinder slides on the steel counter
surface there will be two types of deformations. First, there will
be a macroscopic Hertzian-like deformation of the rubber

for soft contacts [11, 12] and of hydrodynamic lubrication for
textured surfaces [13, 14]. Thus, a larger asperity-induced fluid
pressure is provided for the transverse roughness, which in turn
determines an increased average interfacial separation
(resulting from the decrease of the solid-solid contact pressure)
and, therefore, a reduced dry contact area [see more in the
following discussion ii)]. However, in term of the resulting
fluid viscous dissipation, this stronger fluid-asperity interaction
for the transverse roughness can cause both an increase or
decrease of the total friction, depending on the range of sliding
velocity at which this interaction dominates. Thus, in the
present case the stronger fluid-asperity interaction (for the
transverse roughness range) only determines a reduction of the
dry-contact friction (due to the decrease of the contact area),
whereas the fluid-viscous dissipation occurring at the asperity
scale (micro-EHL) seems not to dominate this mixed
lubrication contact configuration (as a counter example, see
Ref. [15]).
ii) The reduced dry (or boundary lubricated) contact area
suggested in i) determines, consequently, a reduction of the
friction contributions coming from the intimate (or boundary
mediated) asperity-asperity interaction. In particular, the solidcontact friction can originate, in the present case, by both the
adhesive contribution (proportional to the dry true contact area)
and by the micro-rolling contribution (a dissipation originating
by the pulsating deformation on the rubber seal by the sliding
asperities) [16]. For small true contact areas (of interest for the
seal application), and depending on the sliding speed, the
hysteretic contribution to friction is slightly dependent on the
contact area. Thus, the decrease of dry contact obtained for the
transverse roughness does induce a decrease of dry friction,
resulting in the overall friction decrease with respect to the
longitudinal roughness.

COMPARISION WITH THEORETICAL PREDICTIONS
In this section the experimental results presented above are
analysed. The friction coefficient as a function of sliding speed
for the lubricated contact, the so called Stribeck curve, will be
calculated. It will be discussed in detail how the surface
roughness influences the Stribeck curve, and in particular under
which conditions it will shift the Stribeck curve to lower sliding
speeds as this reduces the friction and the wear of the rubber
seal.
As input for the calculation the surface roughness power
spectra of the surfaces involved (Figures 7, 8 and 9), and the
effective elastic modulus of the solids are needed. In the study
below the surface roughness on the rubber surface will be
neglected, and only the roughness of the steel cylinders is
considered.
Theory
In this section the experimental data presented above will
be analysed. Due to the incomplete experimental information
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cylinder. This deformation is constant in time so it is
determined by the low frequency modulus of the rubber which
was measured (including non-linearity effects) to be about
E ≈ 9 MPa. However, the true area of contact is determined by
the interaction between the asperities on the steel surface and
the rubber. During sliding this includes high-frequency
deformations involving a band of deformation frequencies
ω ≈ qv, where q = 2π / λ is the wavenumber (and λ is the
wavelength) of a surface roughness component, and v the
sliding speed. This will result in a stiffening of the rubber with
increasing sliding speed, and to a contact area A(v) which, even
for dry contact, decreases with increasing sliding speed.
In this study this effect will not be included but it is
assumed that in the boundary lubrication region A(v) τ(v), i.e.
the adhesive contribution to friction, is a constant. Thus, the
only velocity (and load) dependency in the figures presented
below is due the fluid dynamics. In reality, this may not hold
accurately, but it is likely that the strong velocity dependence
observed in a relative narrow (mixed lubrication) velocity
region, is due mainly to fluid dynamics effects.
Here, the sliding of an elastic cylinder on the hard,
lubricated counter surface with random roughness is
considered. The motion of the fluid is assumed to satisfy the
Navier-Stokes fluid flow equations If the fluid film is assumed
to be very thin these equations can be reduced to the so called
Reynolds equation. This equation depends on the interfacial
separation u(x, y), which because of the surface roughness
varies in a complex way with the lateral coordinate x = (x, y).
However if there is a separation in length scales, i.e., if the
longest (relevant) surface roughness component has a
wavelength much smaller than the nominal cylindercountersurface contact length (in the sliding direction), then it
is possible to eliminate or (in the language of the
renormalization group theory) integrate out the surface
roughness degree of freedom and obtain an effective equation
of motion for the (locally averaged) fluid pressure ̅ . For
stationary sliding (velocity v) of a cylinder in a Newtonian fluid
(viscosity ) this equation takes the form [12]
̅

6

∗

Numerical Results
First the friction for cylinder 3 is considered, which has
surface roughness with isotropic statistical properties. Fig. 18
shows the fluid pressure and shear stress flow factors,
and
ϕs, as a function of the surface separation u, as obtained using
the theory of Ref. [14]. Note that for isotropic roughness
< 1, and since the pressure flow factor appear together with
the viscosity in the combination ηeff = η/ > η, it follows that
the fluid pressure flow factor will shift the mixed lubrication
region towards lower sliding speed, as well as increase the
strength of the generic fluid-asperity interaction given the larger
effective viscosity. When the surface roughness occurs on the
moving substrate surface, as in the present case, the fluid shear
is positive, and according to Eq. (2) this
stress flow factor
will result in a shift of the Stribeck curve towards lower sliding
speed. The physical reason for this is as follows: consider the
rough substrate surface moving against the smooth elastic
cylinder. The fluid carried in the valleys of the moving rough
surface helps to transport fluid from the leading edge into the
gap, and hence support fluid lubrication, and shift the Stribeck
curve towards lower sliding speed.

and shear stress
Figure 18. The fluid pressure flow factor
flow factor
as a function of the surface separation using the
surface roughness power spectrum of cylinder 3 with three
different large wavenumber cut-off: q1 = 5.9 × 108, 5.9 × 106
and 5.9 × 105 m−1.

(2)

where
is the root-mean-square roughness amplitude, ∗ is
constant, and where the pressure and shear flow factors
and
are determined by the surface roughness, and depend on the
(locally averaged) interfacial separation .
To complete the theory, in addition to the fluid flow equation
(2) another equation describing the elastic deformations of the
solids in response to the locally-averaged fluid and solid
contact pressure is needed. This equation is based on the theory
of elasticity, and include the surface roughness using the
Persson’s contact mechanics theory. See Ref. [18, 12] for
details.

A very important observation for what follows is that
unless the contact pressure is very high, the flow factors are
mainly determined by the most long-wavelength part of the
surface roughness. This is illustrated in Fig. 18 where the flow
factors for three different large wavenumber cut-off q1 are
shown. Note the relative small difference between the three
cases in spite of the large variation (by three decades in length
scale) in the cut-off q1. The reason for this is that the longwavelength (and large amplitude) surface roughness
components generate the biggest fluid flow channels at the
interface, and will hence influence the fluid flow dynamics at
the interface much stronger than the smaller channels arising
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from the shorter surface roughness components. At very high
contact pressures this is no longer the case, but for the present
situation it holds to a very good approximation.
To obtain the Stribeck curve for cylinder 3 information
about the frictional shear stress acting in the area of real contact
is needed. For rubber sliding on dry hard rough surfaces the
friction coefficient is usually nearly independent of the nominal
contact pressure [7]. In particular, the frictional shear stress τ
acting in the area of real contact is independent of the local
contact pressure in the pressure range relevant in most
applications involving rubber materials.
For lubricated surfaces it was found above that the friction
coefficient depends strongly on the load. In the hydrodynamic
region for smooth surfaces the Stribeck curve depends on ηv/FN
but this scaling is not valid in the mixed lubrication region. In
Fig. 19 the relation between the friction coefficient and the
sliding speed for cylinder 3 and for the three different loads
used in the experiments reported on above are shown. In the
calculations was assumed that a (velocity independent)
frictional shear stress τ = 13.5 MPa acts in the area of real
contact.

shown, using three different large wavenumber cut-off q1 but
adjusting the frictional shear stress so the friction force in the
boundary lubrication region is (nearly) the same in all cases.
Note that in this case the Stribeck curves are nearly identical.
This is the case only because the fluid flow factors are mainly
determined by the most long-wavelength part of the surface
roughness spectra, which is the same in all cases.
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Now the rubber friction for cylinder 2 is considered. For this
case the fluid flow factors for three different cases is calculated,
namely isotropic roughness (corresponding to the Tripp number
γ = 1), and for anisotropic roughness with the grinding groves
along the sliding direction (corresponding to the Tripp number
γ = 8), and with the grinding direction orthogonal to the sliding
direction (corresponding to the Tripp number γ = 1/8) as in the
actual system. Fig. 21 and 22 show the fluid flow and shear
stress flow factors for all three cases, respectively.

FN =31.1N
93.3 N
155.5 N

0.4

-4

Figure 20. The calculated friction coefficients as a function of
sliding speed for the load FN = 31.1 N for several different
large wavenumber cut-off q1.

cylinder 3
τ = 13.5 MPa
E = 9 MPa

µ 1

-5

1

Figure 19. The calculated (solid lines) and measured friction
coefficients as a function of sliding speed for three different
loads, FN = 31.1, 93.3 and 155.5 N.
Note that the friction coefficient depends on the load, in
relative good agreement with the experimental data (the
squares, circles and stars). Due to a numerical instability, for
the highest load the calculated results terminates before
reaching the highest sliding speed.
As pointed out above, unless the contact pressure is very
large (resulting in very small interfacial separation), the fluid
flow factors depend mainly on the longest wavelength
roughness components. However, the area of real contact
depends on all the roughness wavelength components and
decreases continuously as the large wavenumber cut-off q1
increases. In the boundary lubrication region all the load is
carried by the area of real contact A and in this case the friction
force Ff = Aτ. In Fig. 20 the Stribeck curves for cylinder 3 are

Figure 21. The fluid pressure flow factor
as a function of
the average separation u for cylinder 2 assuming the Tripp
asymmetry number γ = 1, 8 and 1/8.
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Note that in the studied velocity interval the friction for
cylinder 3 is larger than for cylinder 2 which is due to the larger
roughness on cylinder 3 and also due to the difference in the
surface roughness anisotropy, both of which result in faster
fluid squeeze-out for cylinder 3.

CONCLUSION AND OUTLOOK
In this paper an experimental investigation of the influence
of anisotropic surfaces on the friction behaviour of a hard-soft
contact was presented. A test rig was described, which is
designed to investigate a soft, lubricated line contact in detail.
An O-ring cord is brought into contact with the lateral surface
of an uniform rotating hard cylinder. Three cylinders with
different surfaces are used: One sandblasted isotropic surface
and two anisotropic surfaces, grooved orthogonal or
longitudinal to the direction of motion. A distinct influence of
anisotropic surfaces is detected. The friction force decreases
when the surface is grooved perpendicular to the direction of
motion. These experimental results clearly show that the
anisotropy of surfaces in engineering applications has to be
considered when modelling lubricated friction of hydraulic
seals. The experimental results were compared with
calculations of the friction coefficient for two of the surfaces.

Figure 22. The fluid shear stress flow factor
as a function of
the average separation u for cylinder 2 assuming the Tripp
asymmetry number γ = 1, 8 and 1/8.
Note that for γ = 8, for the surface separation u > 1 µm the
fluid flow factor ϕp > 1, which would shift the Stribeck curve
towards higher sliding speeds. However, in the studied velocity
range the interfacial separation is smaller than 0.6 µm, in which
case the pressure flow factor is smaller than 1 (see Fig. 21).
As a result the fluid pressure flow factor will shift the
Stribeck curve to lower sliding speeds. Similarly, the shear
stress flow factor shifts the Stribeck curve towards lower
sliding speeds. For the surface with the grinding direction
orthogonal to the sliding direction (which is the actual case for
cylinder 2), γ = 1/8,
< 1 for all interfacial separations, and
both the pressure and shear stress flow factors shift the Stribeck
curve towards lower sliding speed, see Fig. 23. In Fig. 23 also
show the calculated Stribeck curve for the cylinder 3 is shown
(data from Fig. 19).

Outlook
In a next step tests at higher velocities, different
temperatures, and higher contact pressures (either by increasing
the load or by using smaller seal specimens) will be carried out.
By using different water and glycerol mixtures the
viscosity can be adjusted without changing the temperature.
Thus it will be possible to separate temperature effects of the
seal material and the viscosity. Thereby a profound
understanding of all influences can be generated.
Concerning the numerical simulations will study in detail
non-steady (accelerated) sliding motion of lubricated rough
contacts, as is involved in e.g. dynamics seals. The theory
results will be compared to experimental results.
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τ=13.5MPa
FN=31.1N

1.2
µ1
0.8
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NOMENCLATURE

Figure 23. The calculated (solid lines) and measured
friction coefficients as a function of sliding speed for the load
FN = 31.1 N.

C
D
E(ω)
FN
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Surface roughness power spectrum
Diameter of the test cylinder
Viscoelastic Young’s modulus
Normal force
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FR
h
H
̅
q
Ra
v
α
γ
λ
µ
τ
ω

Friction force
Height of the surface
root-mean-square roughness
Hurst exponent
Locally averaged fluid pressure
Wavevector
Arithmetic average roughness
Locally averaged interfacial separation
Velocity
Angle between the sliding direction and the direction
orthogonal to the grinding direction
Peklenik and Tripp number
Dynamic viscosity
Wavelength
Friction coefficient
frictional shear stress
Flow factor
Frequency
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